The primary aim of this study was to consider novel configurations of watercooled micro-channel layout
Introduction
The components in an integrated circuit generate heat and cause a significant rise in temperature of the component. With higher heat fluxes, there is more heat generated and there is a need for improved and efficient heat exchangers. This is especially true in electronic applications for the military, where high heat dissipation is critical and need for functioning in harsh environments is mandatory. Even though some manufacturers set design temperatures of electronic components as high as +150 °C (for military applications), it is desirable to keep the surfaces of most components under the +85 °C level for high reliability.
The first study of micro-channels is credited to Tuckerman and Pease [1] . The study then yields a forty-fold improvement in practical compact internal combustion heat-sinking capability marking it as a high performance heat removal system. To study the case of submillimeter sized passages, Wang and Peng [2] used small diameter stainless steel tubes with deionized water as the fluid to study the friction factor and Nusselt number. They observed --------------that the Nusselt number was lower than the theoretical value for laminar flow and was dependent on the Reynolds number. In the turbulent regime, the measured Nusselt number was almost 1/3 of the value predicted by Colburn's correlation and the transition to turbulence begins at the critical Reynolds number of 700, which was lower than the standard 2300 for internal flow of conventional flow passages. They also noted that friction factors diverge significantly from the theoretical prediction in the laminar regime. However, Hetsroni et al. [3] in their paper comparing the predictions of the theory and experimental data state that the results do not agree with those reported by others (in preceding studies) and are probably incorrect. Peng and Peterson [4] observed an inconsistent pattern in friction factor compared to theory and attributed this behaviour to the early onset to transition to turbulence, which they observed for larger channels at Reynolds number of 400 and smaller channels with Re = 70. Mala and Li [5] showed that the higher pressure gradient measured may be due to early transition to turbulence or surface roughness, which in turn increases the momentum transfer in the boundary-layer near the wall which was confirmed by Qu et al. [6] . Qu and Mudawar [7] concluded that the conventional Navier-Stokes and energy equations adequately predict pressure drop and heat transfer of the heat sink.
The definition of micro-channel is still a topic of debate among researchers. Mehendale et al. [8] used the following classification based on manufacturing techniques to obtain various ranges of channel dimensions, C d : -micro-channels: 1 μm < C d < 100 μm, -mini-channels: 100 μm < C d < 1 mm, -compact channels: 1 mm < C d < 6 mm, and -conventional channels : 6 mm < C d .
Kandlikar and Grande [9] proposed a different classification based on the Knudsen number to derive the channel hydraulic diameter. The classification is mainly developed for gas flow considerations, but it is also recommended for liquid and two-phase flow applications as well. The following is their proposition classification scheme: -molecular nano-channels: ≤ 0.1 μm, -transitional channels: 0.1 μm < ≤ 10 μm, -transitional nano-channels: 0.1 μm < ≤ 1 μm, -transitional micro-channels: 1 μm < ≤ 10 μm, -micro-channels: 10 μm < ≤ 200 μm, -mini-channels: 200 μm < ≤ 3 mm, and -conventional channels: > 3 mm.
A simpler classification was proposed by Obot [10] where the hydraulic dimeter is calculated based on the geometry of the channel and proposed that micro-channels were those with hydraulic diameters less than 1 mm (< 1 mm) which were later adopted by many other researchers such as Bahrami and Jovanovich [11] , Bahrami et al. [12] and Bayraktar and Pidugu [13] . The scheme by Obot [10] is more convenient as it is based on the channel geometry alone and that it utilized the concept of hydraulic diameter, which is the primary representative dimension for internal flow geometry of a heat exchanger.
Lee et al. [14] investigated the flow of pressurized nitrogen gas and heat transfer through rectangular micro-channels with a range of width from 194 μm to 534 μm with a Reynolds number range from 300 to 3500. Their results showed that the computational results using ANSYS FLUENT © were in good agreement with the experimental results. Another similar study was conducted by Reynaud et al. [15] where they conducted the experiments for mini-channels with a channel thickness of 300 μm to 1.12 mm which was compared with a THERMAL SCIENCE: Year 2018, Vol. 22, No. 5, pp. 1973 22, No. 5, pp. -1985 1975 simulation with ANSYS FLUENT © and the results were consistent with the conclusions of Lee et al. [14] . They attributed minor deviations between the experimental data and CFD results to microscopic effects, such as viscous dissipation and entry effects and imperfections of the experimental apparatus.
Vinodhan and Rajan [16] proposed four geometry configurations different from that of Chien and Chen [17] . The whole geometry used is the same as [17] , the differences in geometry was that the plenums of the inlet and outlet were 4.2 × 1 mm and it is divided into quadrants, each with separate inlet and outlet. These new configurations are compared to the conventional I-type heat sink and the results show that the new design has lower maximum and minimum substrate temperature, the lower temperature gradient of the substrate and higher Nusselt number and heat transfer rate. Colgan et al. [18] designed a single-phase silicon offset strip micro-channel that consisted of six heat exchanger zones and optimized cooler fin designs. They concluded based on their studies that a silicon micro-channel can be integrated with a single chip module in a simple and practical manner while providing excellent thermal performance.
Kandlikar and Upadhye [19] from their work concluded that the best design would be the offset strip fin configuration in a split flow arrangement. Hong and Cheng [20] found that the best performance is obtained when the fin interval is equal to fin length and more rows of fins require higher mass-flow rate for lower wall temperatures. A few studies are on inlet-outlet configuration, concluding that vertical inlet-outlet arrangements have better flow and heat dissipation [16, 21] .
The objectives of this work are: -to compare the simulated results with results by Chein and Chen [17] for the parallel (Itype) fin configuration by means of fluid-flow and temperature distribution, and -to contrast the three different fin types (parallel/I-type, type A, type B by means of fluidflow and temperature distribution and determine which produces the best performance.
Methods
This work involves numerical simulation using a commercial CFD software ANSYS FLUENT © as illustrated below.
Design of micro-channels
A micro-channel heat sink generally consists of a micro-channel base layer, cover plate along with an inlet and outlet. The geometric configuration of the micro-channel heat sink is shown in figs. 1 and 2. The parallel type micro-channel heat sink design by Chein and Chen [17] has been replicated for this study with another two new design configurations replacing the parallel heat sink with an offset strip fin heat sink. The size of the micro-channel heat sink is 6.2 × 18 × 0.5 mm. The heat sink area consists of 11 channels, each channel with dimensions of 200 μm × 400 μm × 10 mm. The wall thickness of the fin is set so that it equals the width of the channel, i. e., W c = W f = 200 μm. The width of the sidewalls is 1 mm.
The inlet and outlet plenums with width and length of 4.2 mm and 3 mm, respectively, were meant for distributing and collecting fluid-flow into and out of the micro-channel. The inlets and the outlets are located in the centre of the short wall opposing each other with openings of 1.8 mm.
For the offset strip fin design, staggered fins of length, L f , are spaced at the distance of, Lg. The fins are arranged in rows similar to the parallel micro-channel. The optimal ratio of fin interval to fin length is Lg/L f = 1 [9] . Both offset strip fin configurations have a fixed fin 
Assumptions made in the analysis
The following assumptions are made in the work: (1) steady fluid-flow and heat transfer, (2) incompressible fluid and subsonic flow, (3) constant solid and fluid properties, (4) constant heat flux at the base plate, and (5) heat transfer to air at the cover plate is negligible as compared to heat transfer to water over the fins; hence this surface is assumed to be an insulated surface. The pressure is prescribed at the channel inlet:
At the inlet of the micro-channel, x = 0, the velocity is initially specified (a trial velocity) not as a boundary condition, but iteratively corrected until the pressure drop is satisfied.
Outlet boundary condition
Pressure outlet conditions were employed (zero-gauge pressure):
The outlet velocity boundary condition is based on zero diffusion flux. In literature, a variety of other boundary conditions have been investigated. A commonly used boundary condition considers:
η is the outward normal to the outlet plane and at the walls.
At all fluid-solid interfaces, no slip condition is taken:
The work of Chein and Chen [17] considers a fixed pressure drop across the channel. As this paper compares the results with [17] , the same values of fixed pressure drop across the chanel of 25, 35, and 50 kPa are considered.
To ensure that the computed numerical solution satisfies the prescribed pressure drop, the solution algorithm follows this procedure:
With an initial trial inlet velocity, the solution algorithm calculates the pressure at exit. If this pressure is not equal to outlet zero-gauge pressure, an appropriate new trial velocity value at inlet is chosen and iterations of the computation continue until the prescribed pressure at outlet is satisfied. Each inlet velocity corresponds to a particular mass-flow rate and thus, values of mass-flow rates are not prescribed.
The heat transfer calculations consider heat flow in the fin as well as in the coolant flowing in the channel. A conjugate solution approach is used. Boundary conditions required for both conduction in the silicon part, as well as for convection in water are the following:
At the base plate, the heat flux is specified:
At the fluid-solid interface, continuity of temperature and heat flow are applied: 
At the channel cover where heat transfer to air is neglected:
Numerical parameters and procedures
The ANSYS FLUENT © was used to run the numerical simulations for the different geometric configurations. A uniform heat flux, q, of 100 W/cm 2 was applied to the base of the heat sink to simulate the heat generated by the chip. The inlet was chosen as pressure-inlet set to the pressure drop across heat sink, ∆p = 50 kPa. The inlet water temperature was fixed at 293 K. A grid sensitivity analysis was carried out with the number of mesh elements of 340k, 580k, 1010k, and 1243k for the parallel micro-channel. The substrate surface temperature along channel 11 was recorded. Based on the outcome that 1, elements and 1240k elements were similar, 1010k elements were adopted for this study. Table 1 shows that the simulation results of the average substrate to fluid surface temperature for channel 11 were almost identical for computation with the number of elements of 1010k and 1240k as the percentage deviation of 0.144%. This is reflected in fig. 4 . A higher number of elements would require a greater computational load, which is not necessary since the percentage deviation is so low. Based on these results, a computational cell with 1010k elements is used throughout the computation in this study.
The spatial discretization in the momentum, energy, turbulent kinetic energy, and turbulent dissipation rate were solved by the firstorder upwind scheme to save on computation time. The coupling of pressure-velocity was solved by setting to a SIMPLE scheme. The convergence criterion for velocity and energy was left at default settings of 1•10 −3 and 1•10 −6
. Solution initialization methods used was standard initialization computing from the inlet. The material of the heat sink is silicon and the fluid coolant is water. The properties of the materials are listed in tab. 2. The results were analysed by taking data points along the centre of each micro-channel.
Results and discussion
From the various sets of available results only representative ones are presented for the sake of brevity.
Computation comparison
Parallel fin design was first simulated with different pressure drops of ∆p = 25 kPa, 35 kPa and 50 kPa, and was computed and compared with the results provided by Chein and Chen [17] as given in fig. 5 .
As seen from fig. 5, the computed results yield similar velocities from the results from Chein and Chen [17] , for all pressure drop (∆p = 25 kPa, 35 kPa, and 50 kPa), with an average difference of not more than 0.1 m/s. The computed results are only slightly higher with the largest difference of 0.3 m/s at channel 1 and 11. The computed temperature profiles are somewhat lower than the results of [17] . This could be seen on the channels adjacent to the sidewalls. At a pressure drop of ∆p = 25 kPa, the temperature difference is more evident with a maximum temperature difference of approximately 5° and channels 3 to 9 have their values closer with a variance of not more than 1 K. This deviation in results may be due to the different simulation models used. Whereas [17] used a laminar model, this work uses a k-ε turbulence model. With very low values of kinetic turbulent energy and kinetic turbulent dissipation to simulate a laminar flow-based on the studies by Peng et al. [22, 23] , the laminar flow transition occurred at Reynolds numbers of 200-700, upper bound of the laminar heat transfer regime occurred at a Reynolds number of 200-700 and fully turbulent convective heat transfer was reached at Reynolds numbers of 400-1500.
When compared with the [17] results, the present computed results are reasonably similar. However, no importance is given to this apparent agreement. The main point of interest was to achieve velocity and temperature profiles for the chosen configurations and analyse their flow and thermal behaviour for guidance in the design of the coolant channels. 
Flow field
In fig. 6 , the flow fields for the three different types of heat sinks studied are shown for ∆p = 50 kPa. There exist re-circulation zones at the far corners of the inlet and outlet plenums as reported by Chein and Chen [17] and is to be expected. This is because of the locations of the inlets and outlets where the fluid flows horizontally across the heat sink and can be compared to fluid flow in a cavity [24] . The location of the inlet will significantly affect the average velocities which can be seen for channels 5 to 7 having high average velocities since it is located directly opposite the inlets and outlets which can be seen in fig. 6 . Offset strip fins for both type A and B have the highest velocities along the sidewall along channel 1 and 11. From fig. 6 we can see that, as fluid flows through the offset strip fins, the flow path direction changes periodically due to the periodic obstruction of the stripfins. The periodic change causes large re-circulation of flow around the corners of the stripfins [20] . This obstruction inhibits the flow of fluid, reducing the average velocities along channels 2 to 10. Along with channels 1 and 11 for both type A and B, this periodic change in direction can also be observed for fluid on the strip-fin side, but not for the flat wall. There is, therefore, less obstruction to flow in the outermost channels, thus giving the highest velocities for both types A and B. The average mass-flow rate and velocity in the three different configurations are given in tab. 3 below.
From tab. 3, it is seen that, for given pressure drop, the maximum velocity and massflow rate occur for the parallel channel followed by type B and type A. This evidently reflects the fact that the resistance to flow is least for the parallel plate channel. An examination of the boundary-layer formation on the fin walls reveals some interesting features. In the case of the parallel channel, the flow reaches full development in the fashion of the Hagen-Poiseuille flow between plates. Once the flow is fully developed, the friction factor reaches its lowest value and remains constant.
When the strip fins are staggered, the flow is periodically interrupted. As compared to offset fin type A, the growth of the boundarylayer in the case of offset fin B is closer to that of fully developed flow as shown in fig. 7 . In this case, the boundary-layers from adjacent rows tend to converge. This explains the lower flow resistance of type B fins and the higher mass-flow. In design of offset fins, this consideration can be important.Temperature distribution Figure 8 shows the temperature distribution for the three different geometries. Fluid-flow is from the top to the bottom as indicated by red arrows. The high temperature regions are located at the corners of the substrate where there is poor heat transfer. The low temperature regions are where the fins are located nearest to the inlet. The reason for this may because of cold fluids flowing in, therefore high heat transfer taking place. In addition, the micro-channel fins have a higher effective surface area for convective heat transfer to occur. Channels that are closer to the sidewalls have higher temperatures, as the heat density at the sidewall is higher and more heat needs to be carried away by the fluid. From fig. 7 significantly high temperature regions are visible, especially at the corners of the inlet and outlet plenums. As water flows, the heat is transferred to the fluid by convection. However, the hot water is not instantly carried towards the outlet, therefore having lower heat transfer capacity. Dead zones near the tips of the plenum of the water circulation region are where the temperature is maximum, even though the whole surface is in contact with the fluid. The flow in that area is at its lowest, therefore very little heat is carried away from that region.
The temperature at the base plate where it is bonded to the chip must meet a certain temperature requirement for optimal performance. Figure 9 shows the temperature distribution of the base plate. For all geometries, the maximum temperatures occur at the corners, especially nearer to the outlet. Minimum temperatures occur at the micro-channel entrance area. Based on the results, parallel fins have a better surface uniformity. The wavy local low temperatures are because of the periodic change of direction of the flow path of the fluid through the strip-fins as can be seen in fig. 9 . The average velocities and substrate surface temperatures along each channel for the three different geometries are shown in fig. 10 . The substrate surface shown here is the surface in contact with the fluid. In general, the offset strip fins have lower velocities compared to parallel fins. The velocity profiles for parallel and offset type B are symmetrical, which is expected since the inlet of the channelis in a single line. For offset type A the velocity profile is staggered following the staggered geometry of the inlet channels. The velocity dips for cha-
Parallel
Offset type A Offset type B Figure 9 . The temperature distribution of the base plate of the micro-channel heat sinks 1983 nnels 2, 4, and 9. These channel inlets are indented and have no resistance from incoming flow from the adjacent channel wall. This creates a passageway for the fluid to flow into the next channel, therefore, there is less fluid flowing through these channels. From fig. 10 , the velocity range is within 2 to 5 m/s. The corresponding Reynolds number calculated is from 530 to 1330 based on the hydraulic diameter. This validates the assumption of turbulent flow in the heat sink [22, 23] .
For the parallel fin micro-channels, the temperature profile is the inverse of the velocity profile, where the maximum velocities will yield minimum temperatures and vice versa. However, for the offset strip-fins, this is not observed. Both offset fins yield a symmetrical temperature profile similar to that of the parallel fin, despite the low velocities along channel 2 to 10. This is due to the periodic change of flow direction around the strip fins as discussed earlier [20] . This periodic change causes re-circulation around the edge of the strip-fin. This local circulation of flow allows the cool fluid at the center of the channel to mix with the hot fluid closer to the fin wall and equalizing the temperatures. The temperature profile for offset type B is slightly better than in type A. This can be attributed to the uniform velocity profile due to the inline channel inlets thus better heat transfer by convection to take place. Based on the results, parallel fins give the better cooling performance followed by offset type B and offset type A.
Conclusions
The numerical analysis of fluid-flow and transfer with a fixed inlet and outlet configuration with three different heat sink configurations was performed in this study. The following inferences can be made based on the simulated results.  The highest velocity for parallel configuration occurs at the centre of the heat sink because the fluid has a straight flow path from the inlet to the outlet. The lowest velocity is at the sidewalls since it is furthest from the inlet and outlet. In offset types A and B, highest velocities occur at the side channels because of the straight wall allowing smooth flow through the channel. Generally, for offset type, the velocity increases after the sidewalls towards the centre. Type A configuration had an uneven velocity profile because of its staggered channel entrance.  Higher temperatures were observed at the edge of the heat sink where there is no heat dissipation by convection and re-circulation zones at the inlet and outlet plenums. The lower temperatures occur at the entrance of the micro-channel due to cooler liquid allowing more heat to be absorbed by the fluid, thus higher heat transfer in that region. Temperatures increase along the flow direction because of the constant heat flux from the base plate.  At a fixed pressure drop across the heat sink, offset type A has the lowest average velocities followed by type B and parallel micro-channels. The offset micro-channels have constant change in flow direction, which inhibits the flow of the fluid.  The lowest average temperature was observed in parallel heat sinks, followed by types A and type B. As a conclusion of this study, parallel configuration shows a better heat dissipation across the heat sink for a fixed pressure drop and fixed geometrical inlet and outlet configuration. Thus, it could provide an efficient cooling to the components and can be considered better among the three different micro-channel heat sinks configurations. The offset strip fins employed in this study were limited to two designs and even though the strip fins performed overall poorer than the parallel fins, it is observed that there is a better dissipation of heat at low velocities. Also, the fluid flow orientation used in this study is the low-pressure direction. A research done by Guo et al. [25] indicates that fluid low orientation of 45° gives the best thermal-hydraulic performance of fins. Different fin arrangements and geometries can further be studied. The finest option will result in effective working of the equipment resulting in efficient energy consumption and sustainability 
